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ABSTRACT

A numerical study on the cooling performance of new air-conditioning systems based on the reversed air cycle
is conducted through a specifically developed computer code. The main peculiarity of such HVAC systems
is the combination of the roles traditionally played separately by the chiller and the air handling unit, as the
expanded cool air is directly supplied to the indoor ambient for its environmental control. For any system
proposed, simulations have been carried out for a wide variety of psychrometric states of both outdoor air and
supply air, and for different efficiencies of the heat exchangers and the turbomachinery. Among the main results
obtained, it is found that for hot and dry climates, as well as for temperate climates, the values of the cooling
performance of the most advanced configurations are of the same order as those typical for traditional HVAC
systems served by vapour-compression refrigerating units.
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1 INTRODUCTION
The protection of our planet is one of the basic conditions necessary to ensure a really sustainable
development for next generations. As known, one of the many related initiatives is the elimination of
the environmentally detrimental chemical refrigerants currently in use, and their replacement with
environmentally compatible fluids, as stated in the Montreal and Kyoto Protocols.

In this perspective, besides encouraging research on new harmless chemical fluids, on which most
of the hopes are placed, it also seems appropriate to make all possible attempts to revive the potential
merits of natural refrigerants, beginning from air, which is certainly the most attractive in terms of
environmental compatibility, cost and availability [1-6].

Unfortunately, the air-refrigeration operating cycle, i.e. the reversed Brayton cycle, has the dis-
advantage of large temperature variations of the fluid during the heat-addition and heat-removal
processes, which implies that the coefficient of performance of this cycle is considerably lower than
that of the corresponding reversed Carnot cycle. Such modest cooling performance of the reversed
Brayton cycle may actually be assumed as the main reason for the rather limited use of air-cycle
units for air-conditioning purposes, on which our attention is focused. Typical exceptions are repre-
sented by aircraft applications [7], where compressed air is available from the jet engines, and
lightweight, compact size, high reliability and easy maintenance are considered more important than
fuel economy, as well as by some stationary applications where energetic efficiency is not the primary
factor, e.g. remotely located, temporary military bases, where portable units may be used. However,
such specialized applications lie outside our interests, which are instead focused on residential and
commercial building applications.

Indeed, non-negligible increases in the cooling performance may be obtained by the adoption of
so called ‘integrated HVAC systems’. These are innovative systems which combine the two roles
traditionally played separately by the chiller and the air handling unit, as the expanded cool air is
supplied directly to the indoor ambient for its environmental control [8, 9].
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In this framework, the present paper has a threefold purpose, namely (1) to highlight the main features
of the more conventional HVAC systems based on the reversed Brayton cycle; (2) to discuss the main
features of several basic and enhanced configurations of such innovative ‘integrated HVAC systems’
based on the reversed Brayton cycle; and (3) to calculate the cooling performance of the air-conditioning
systems considered for a wide variety of combinations of the main governing parameters.

2 HVAC SYSTEMS BASED ON THE REVERSED BRAYTON CYCLE
The main features of both conventional and integrated HVAC systems based on the reversed Brayton
cycle are discussed in the following three subsections.

2.1 Conventional HVAC systems

Conventional HVAC systems based on the reversed Brayton cycle may be arranged according to
different configurations, whose common feature is the use of expanded refrigerated air for the cooling
and dehumidification of outdoor air which has to be supplied to the indoor ambient for its hygro-
thermal control. The four configurations sketched in Figs 1-4, denoted as CS1, CS2, CS3, and CS4,
respectively, are considered. Each of them consists mainly of: (1) an air-cycle machine combining
a turbine wheel (T), a driving motor (M) and a rotary compressor (C) on a single shaft; (2) a coun-
terflow, air-to-air, plate heat exchanger (HEC) for cooling and dehumidification of outdoor air; and
(3) a re-heating coil (RHC), operated by an indoor ambient temperature controller. Other compo-
nents are one or two additional counterflow, air-to-air, plate heat exchangers for energy recovery
from the exhaust airstream (REC) and/or rejection of the heat of compression above the atmos-
pheric pressure (HCR).

2.2 Basic ‘integrated HVAC systems’

Two basic integrated HVAC systems, which share the main characteristic of the ‘direct’ use of the
expanded cool air as supply air, named BIS1 and BIS2, sketched in Figs 5 and 6, respectively, are
considered. They consist mainly of: (1) an air-cycle refrigeration machine equipped with a water
separator (WS) at the turbine wheel discharge for condensate removal from supply air; (2) a coun-
terflow, air-to-air, plate heat exchanger (REC) in which outdoor air is first subjected to a cooling
treatment at atmospheric pressure by heat transfer to exhaust air; (3) a counterflow, air-to-air, plate
heat exchanger (HCR) for rejection of the heat of compression either to outdoor air (in system BIS1)
or to exhaust air which leaves the recovery equipment (REC) (in system BIS2); and (4) a re-heating
coil (RHC) for temperature control of supply air.

2.3 Enhanced ‘integrated HVAC systems’

With respect to the basic configurations discussed above, the enhanced configurations distinguish
themselves for a rational use of the airstreams available at low temperature for rejection of the heat
of compression, and for use of evaporative cooling treatments of the cool airstreams either before the
inlet of the air-to-air heat exchangers or along the entire length of the heat exchangers, when appli-
cable. Three enhanced integrated HVAC systems, denoted as EIS1, EIS2 and EIS3, are considered.

Configuration EIS1, sketched in Fig. 7, consists mainly of: (1) an air-cycle refrigeration machine
equipped with a water separator (WS) at its outlet; (2) three counterflow, air-to-air, plate heat
exchangers (HE1, HE2 and HE3), each one served by an air washer humidifier (AW) at the cool
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airstream inlet; (3) a system of coupled dampers (CD1), located at the cool airstream inlet of heat
exchanger HE2; and (4) a re-heating coil (RHC) for temperature control of supply air. As far as its
working principle is concerned, a brief description is given. Outdoor air at atmospheric pressure is
first subjected to a cooling treatment in HE1, where heat is transferred to saturated outdoor air, and
then compressed in C. The heat of compression is rejected subsequently: (1) in HE2, to saturated air
coming from either the outside or the outlet of heat exchanger HE3, according to the position of
coupled dampers CD1 operated by controller C1 on the basis of the smaller specific enthalpy
(denoted as j); and (2) in HE3, to saturated exhaust air. Outdoor air at the upper pressure leaving heat
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exchanger HE3 is finally expanded in T up to atmospheric pressure, with a consequent reduction of
its temperature and humidity ratio. A re-heating of supply air may then occur in RHC, when
required.

Configuration EIS2, sketched in Fig. 8, is an upgrading of configuration EIS1, from which it is
derived by simply adding a further counterflow, air-to-air, plate heat exchanger (HE4) and a further
system of coupled dampers (CD2). With respect to configuration EIS1, the heat of compression is
rejected subsequently not only in HE2 and HE3, as described above, but also in HE4 to cool air
which is discharged by the turbine wheel (T) at the moisture content required for indoor humidity
comfort conditions, whenever a re-heating process of the supply air is required. The position of
coupled dampers CD2 is modulated by controller C2 according to the indoor air temperature. When
the by-pass damper is completely closed, C2 operates on the additional re-heating coil (RHC).

Configuration EIS3, sketched in Fig. 9, represents a further upgrading. Configuration EIS3 is
derived directly from configuration EIS2 by assuming that HE1, HE2 and HE3 are wet-surface type

outdoor air /_\
C { M ) T

T \_/
) AW 7, AW CDI AW RHC v WS
=

<=
e

outdoor air outdoor air ! exhaust air

I

supply air

Figure 8: Enhanced integrated configuration EIS2.
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Figure 10: Operating cycle for configurations EIS2 and EIS3.

heat exchangers, i.e. with the boundary surfaces of the cool airstream passages wet by a film of
water, whose evaporation enhances the heat transfer effectiveness [10—14].

The operating cycle for configurations EIS2 and EIS3 in the 7-S diagram is drawn in Fig. 10 under
the assumption that the frictional pressure drops through the heat exchangers are negligible, and that
the expansion process may be modelled according to a two-stage process, as described in Section 3.1
(in the diagram, each transformation is labelled according to the component in which it occurs).

3 MATHEMATICAL MODEL FOR COOLING PERFORMANCE EVALUATION
The cooling performance of any HVAC system described above is calculated by a specifically
developed computer code which simulates the thermodynamic behaviour of each component of the
air-conditioning system as described below.

3.1 Turbomachinery

The compression process, assumed as occurring at constant humidity ratio with no stray heat transfer
to the surroundings, leads to the following outlet air temperature 7T :

=17y -1
I, =T, [ﬁc—“]» (1)
7.

where T is the inlet air temperature, f3_ is the compressor pressure ratio, y is the specific heat ratio
and 7, is the compressor isentropic efficiency.

As far as the expansion process is concerned, since the air cooling may be accompanied by
condensation of water vapour, the transformation is schematically modelled according to a
two-stage process [15]. The first stage is a pressure drop that, due to its high speed, is assumed to
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occur at a constant humidity ratio, which implies that whenever the air temperature falls below the
dew point, the water vapour contained in the moist air is discharged from the turbine wheel at a sub-
cooled non-equilibrium state. Under the assumption of adiabatic operation, the following first-stage
outlet temperature is derived:

M
T. =T, [(l_”‘)_W}’ 2)

where T is the inlet air temperature, f, is the turbine pressure ratio, and 7, is the turbine isentropic
efficiency. The second stage is an isobaric transformation, occurring at atmospheric pressure, in
which the condensation of the excess water vapour takes place up to reaching the final equilibrium
saturation state at temperature 7, and humidity ratio x,, calculated under the assumption of
constant specific enthalpy of moist air by a trial-and-error procedure based on the following

equations:

caTl + 'xl (Cle + /10) = caT;)ul + xoul (choul + /10)+ (xl - xoul )Cliquiq’ (3)
T
5 = 062198 L) @)
pt _pws(T;)
C
In p, (T,)= ch2 +CyT, + C, T +CsT? + C T +C,In(T), (5)

t

where ¢, and ¢, are the specific heats at constant pressure of dry air and water vapour, respectively; A,,
is the latent heat of vaporization of water at 0°C; T, and x_ , are the temperature and humidity ratio
of moist air at the first-stage outlet (x_,, as mentioned, is assumed equal to x; ); Clig is the specific heat
of liquid water; an is the temperature of the condensated liquid water, assumed equal to T ; p_
is the water vapour saturation pressure; p, is the total pressure of moist air at the turbine outlet,

i.e. atmospheric pressure; and C, to C, are the coefficients of the Hyland and Wexler equations [16].

3.2 Air-to-air heat exchangers

The transformations occurring inside the air-to-air plate heat exchangers, both conventional and
wet-surface type, are simulated through a model that satisfies the following conditions: (1) steady-
state operation; (2) zero wall and air thermal diffusivity in the flow directions; (3) negligible thermal
resistance of the separation walls, the possible condensate film on the hot side of the heat exchanger
surfaces, and the evaporating water film on the boundary surfaces of the cool airstream passages, if
present; (4) negligible heat transfer between heat exchanger case and surroundings; (5) negligible
radiative heat transfer between portions of the separation walls at different temperatures; (6) constant
and uniform total pressure and mass flow rates for both airstreams; (7) constant and uniform
specific heats at constant pressure of dry air and water vapour; (8) constant and uniform coefficients
of convection heat transfer and water vapour transfer; (9) evaporating water film on the wet walls
of the cool airstream passages assumed to be continuous, stationary and continuously replenished
at its surface with water at the same temperature, closely approximated if the wetting water mass
flow rate is negligible compared with the mass flow rate of the cool airstream.
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With reference to a surface element dA, the following equations of conservation of energy and
mass of water can be written:

GAJ = 2hdA(t, —T)+2Ahy dA[ X, (1,,) — X1A(t,, ), (6)
GdX = 2AhydA[X (t,)— X], (7)
¢dj = 2a.dA(r,, — 1)+ 20ap,dA x, (1, ) — x1A(1,, ), (8)
gdx = 20ap,dA[x, (1,,) — x], 9)
with
J=c,T+X(c,T+4), (10)
J=ct+x(c,t+4y), (11)

where ¢, is the separation wall temperature; A is a Boolean operator equal to 0 or 1 according
tot, >T,ort, <T, T, being the dew-point temperature of the hot airstream; ¢ is a Boolean
operator equal to 0 or 1 according to whether the heat exchanger is a conventional type or a wet-
surface type; J and j are the specific enthalpies of the hot and the cool airstreams, respectively;
G and g are the mass flow rates of the hot and the cool airstreams, respectively; T and ¢ are the
temperatures of the hot and the cool airstreams, respectively; X and x are the humidity ratios of
the hot and the cool airstream, respectively; & and a. are the average coefficients of convection
heat transfer of the hot and the cool airstreams, respectively; i, and ap, are the average coefficients
of water vapour transfer of the hot and the cool airstreams, respectively; A(,) is the latent heat
of condensation of water at the wall temperature; X (¢,) and x(z,) are the saturation humidity
ratios of the hot and the cool airstreams, respectively, obtained from eqn (4) by the replacement
of T, and p, with the wall temperature ¢, and the total pressure of the airstream considered,
respectively.

The boundary conditions to be used in solving eqns (6)—(9) are the inlet temperature and humidity
ratio of each airstream, as well as the thermal flux continuity at the separation wall:

he (T —t,,)+ Ahp [X = X, (1, )]AL,,) = ac (8, — 1)+ dap[x, (2, ) — x]A(t,). (12)

With regard to the values of the average coefficients of convection A and a, reference may be made
to completely ‘dry’ cooling and heating processes, under the assumption that convective heat transfer
is not significantly affected by possible condensation or evaporation processes [17]. Thus, first-
approach values for A and a. may be obtained directly from the value of the overall heat transfer
coefficient (U) calculated in terms of the heat exchanger effectiveness in sensible heat transfer (E) [18],
which, for all the cases considered here, is related to the cool airstream, whose heat capacity rate gc
at the entrance is smaller than that of the hot airstream GC:

E — out mn . (13)
Tin — I

Once the value of E is assigned, the outlet temperatures of both the hot and the cool airstreams,
as well as the total heat transfer rate Q, may be derived:
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toul =tin+E(Tin_t'n)’ (14)
C

Ty =T o e BTy =13y (15)

0 = gcE(T;, —t;). (16)

The total heat transfer rate Q may then be expressed in terms of the logarithmic mean temperature
difference 0_:

0 =g, = va T o) =Tow =tin)
M (17)
T t.

out ~ ‘in

In

where A is the area of the heat transfer surface. Combining eqns (14)—(16) with eqn (17), the following
expression for the overall heat transfer coefficient U may be derived:

1 g FE%
U=—- -In ‘ (18)
A, g 1-E

GC

in which, by neglecting the thermal resistance of the separation wall, the condensate film on the
boundary surfaces of the hot airstream passages, if present, and the evaporating water film on the
boundary surfaces of the cool airstream passages, if the heat exchanger is a wet-surface type, U may
be expressed in terms of the average coefficients of convection of the hot and the cool airstreams:

U=ﬁ-
— (19)
he  ac
It then follows:
Ll lom
e, 0)
ac \ he
with:
g
R=—=, 21
G 21
. 1—ER%
B= C~1n —F (22)
1-R h
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Taking into account the more usual values for the plate spacing of air-to-air heat exchangers
(assumed to be of the order of 10103 m) and the air mean velocity (assumed to be of the order of
1-5 m/s), in most situations the flow regime of both airstreams is laminar, which seems to be a cautious
assumption for a first-approach study. Therefore, since the overall Nusselt number of both airstreams
may be considered as proportional to Re®33 [19], when further assumptions of the same distance
between the plates for the passage of both airstreams and not too different values of their physical
properties are made, it follows that:

0.33
cool __ (Recool )

ac Nu
he Nty (Repo)™

=(g/G)*> = R". (23)

Hence,

1+(g/G)’* 1 1+R"¥
he =U (/gG)O‘B =GB (24)
g

1
ae = U[l + (g/G)O‘33] = GBU+ R33), 25)
Finally, the average coefficients of water vapour transfer are evaluated by the Lewis relation:

_hc 1 GB 1+R"”

—<c__ =" (26)
D C A C R0.33
oy =c - L 8B, pos3) 27)
c A ¢
According to eqns (24)—(27), the conservation equations (6)—(9) and relation (12) become:

1+ R A ) dA

dJ = 2BRW{(IW _T)+E[Xs(tw) —X]A(tw)}j, (28)
1+R*¥ A dA
dXZZBRWE[XS(lW)—X]X, (29)
dJ =2B(1+ RO'”){(tW ~1) +é[xs(tw) - x]z(zw)}%, (30)
c
033,90 dA
dx=2B(1+R )—[xs(tw)—x]j, (€29)]
c

(T—1,)+ %[X - X, (t,)A(t,) = R*¥ {(zw -+ é[xs (t,)—x1A(t,, )}. (32)
C
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Finite-difference equations are derived by integrating eqns (28)—(31) over a discrete surface
element of the heat exchanger, and solved iteratively by taking into account the inlet boundary
conditions as well as eqn (32). Uniform mesh spacing is employed, with a minimum number of
50 subdivisions of the heat transfer surface, which compromises between computational times and
simulation accuracy, as determined through a series of preliminary numerical tests. Under-relaxation
is used to ensure convergence. The solution is considered to be fully converged when percentage
changes of both temperature and humidity ratio at each location from iteration to iteration are smaller
than a prescribed value, i.e. 1075, With regard to the value of the mass flow rate ratio R, for heat
exchangers HE1-HE3, R is assumed equal to unity. In contrast, for heat exchanger HE4 the first
approximation value of R < 1 is assumed and a trial-and-error procedure is followed in order to
calculate the mass flow rate ratio R which corresponds to the achievement of the assigned value of
the supply air temperature f.

3.3 Air washers
The temperature and humidity ratio of the airstreams at the exit of the air washers are calculated

through the saturation effectiveness ¢ [20] under the assumption of the outlet state being at practically
the same specific enthalpy of the inlet state:

e= Tin _Tout ) (33)
Tin - Twet
Hence,
Tout = Tin - 8(T1 - Twet ), (34)
Xout = ;n[ca (Tln - Tout ) + Xin (CvTin + ;L() )]’ (35)
CvTout + A()

where T; and T are the inlet and outlet dry-bulb temperatures, respectively; x, and x_  are the inlet
and outlet air humidity ratios, respectively; and T, is the wet-bulb temperature of air at the inlet,
whose value may be calculated under the assumption of saturation occurring at practically constant
specific enthalpy through a trial-and-error procedure based on eqns (3)—(5) by replacing subscripts
‘t’ and ‘out’ with ‘wet’ and ‘in’, respectively, and by neglecting the third term on the right-hand side

of eqn (3).

4 NUMERICAL SIMULATIONS
The analysis of the cooling performance of any HVAC system discussed is conducted under the
assumption that the mass flow through the heat exchangers occurs with negligible frictional losses,
which corresponds to the assumption that the compressor and expander pressure ratios are the
same.

Simulations are performed with reference to indoor air conditions of 25°C and 50% RH, for
different values of the outdoor air temperature 7 in the range between 25 and 45°C, the outdoor air
humidity ratio x; in the range between 0.015 and 0.030 kg/kg-dry-air, the supply air temperature 74
in the range between 12 and 25°C, the effectiveness in sensible heat transfer of the heat exchangers
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E in the range between 0.6 and 0.9, and the compressor and turbine isentropic efficiency # in the
range between 0.7 and 0.9.

5 RESULTS AND DISCUSSION
For each situation analysed, the pressure ratio § required for cooling and dehumidification of outdoor
air up to reaching the moisture content assigned for the supply air, i.e. 0.009 kg/kg-dry-air, which is
the humidity ratio relevant to 25°C at approximately 45% RH, is calculated iteratively. The corres-
ponding cooling performance ¢ of the HVAC system, defined as the ratio of the heat g, removed
from the outdoor air to be supplied to the indoor ambient, and the net work input w__, given by the
difference between the compressor work input w, and the turbine work output w,, is then derived:

f — Gret — Gret
w W, — W

(36)
net
Ineqn (36), g, is calculated by the specific enthalpy difference between the states of outdoor air and
saturated supply air at the introduction humidity ratio of 0.009 kg/kg-dry-air. Also w_ and w, are
calculated in terms of specific enthalpy changes, under the assumption of steady-flow adiabatic
operation of the turbomachinery, and negligible effects of kinetic and potential energies.

The results obtained are described and discussed in the following three subsections.

5.1 Conventional HVAC systems
Typical distributions of & for the four conventional configurations CS1-CS4 are plotted in Fig. 11

versus the outdoor air temperature 7, for x; =0.015 kg/kg-dry-air, E=0.75 and # = 0.85, and in Fig. 12
versus the outdoor air humidity ratio x for £, = 35°C, E=0.75 and # = 0.85.
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Figure 11: Distributions of £ vs 7 for configurations CS1-CS4.
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Figure 12: Distributions of £ vs x;, for configurations CS1-CS4.

It may be noticed that for any conventional HVAC system, & decreases with increasing outdoor air
humidity ratio, which is due to the increase in the amount of heat Gref which has to be removed from
outdoor air. In fact, once #;, E and 7 are assigned, the higher is the value of Grepr the lower must be
the temperature of the expanded cool air at the inlet of heat exchanger HEC. This may be obtained
only by increasing the pressure ratio 5, with a consequent very pronounced increase in the net work
input w_ required by the air-cycle machine. In contrast, ¢ keeps nearly constant with increasing 7,
owing to the corresponding increase in the amount of heat exchanged inside HEC.

In addition, it may be observed that ¢ increases as the number of heat exchangers decreases,
i.e. passing from configuration CS1 to configuration CS4. However, the cooling performance of the
most efficient configuration, namely £(CS4), is actually too small in comparison with the values
typical for traditional HVAC systems served by vapour-compression refrigerating units, which
reflects the present limited use of air-cycle machines for air-conditioning purposes.

5.2 Basic integrated HVAC systems

Once configuration CS4 is assumed as the reference conventional HVAC system, increases in the
cooling performance up to 25% may be obtained by the adoption of the basic integrated HVAC
systems BIS1 and BIS2, e.g. as shown in Fig. 13, where the distributions of £(BIS1)/E(CS4)
and &(BIS2)/£(CS4) are plotted versus the outdoor air temperature f for x; = 0.015 kg/kg-dry-air,
E=0.75 and = 0.85.

In practice, such non-negligible percentage increases for & are of little interest, as the cooling
performance of the system remains of the order of unity, which is still too low. In addition, it seems
worth pointing out that if the values assumed for E and # are 0.7 and 0.8, instead of 0.75 and 0.85,
respectively, a remarkable decrease of £ from a mean value of 1.05 to a mean value of 0.7 is observed.
Moreover, if the outdoor air humidity ratio is taken equal to 0.0175 kg/kg-dry-air instead of
0.015 kg/kg-dry-air, a further decrease of ¢ to a mean value of 0.575 occurs.
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Figure 13: Distributions of £(BIS1)/E(CS4) and (BIS2)/E(CS4) vs t.

Indeed, since very high values of the energetic efficiencies of both the heat exchangers and the
turbomachinery are unrealistic, at least from the practical and economic points of view, and very low
values of the outdoor air humidity ratio are encountered not so often, the aforementioned examples
help to understand that the shift from basic to enhanced integrated HVAC configurations becomes
absolutely mandatory.

5.3 Enhanced integrated HVAC systems

Typical distributions of & for the three configurations EIS1, EIS2, and EIS3, are reported:

1. in Fig. 14, versus the outdoor air temperature # for x; = 0.0175 kg/kg-dry-air, £E=0.7, 7 = 0.8
and different values of the supply air temperature 7;

2. in Fig. 15, versus the outdoor air humidity ratio x;, for 7y = 35°C, E=0.7, 7 = 0.8 and different
values of the supply air temperature 7;

3. inFig. 16, versus the turbomachinery isentropic efficiency # for ¢, = 35°C, x; = 0.0175 kg/kg-
dry-air, tg= 20°C and different values of the effectiveness in sensible heat transfer of the heat
exchangers E.

It may be observed that the cooling performance & of any integrated HVAC system analysed
increases as the outdoor air temperature increases. In fact, increases in #; imply increases in Ag, . and
Aw, ., in both the amount of heat which has to be removed from outdoor air and the net work input
which has to be transferred to the air-cycle machine, respectively. On the other hand, increases in 7
imply larger heat transfer rates inside HE1, and in many cases also inside HE2 (due to the increase
in temperature difference between the airstreams at the inlet), which help to curb Aw_ with respect
to Aq,;, with non-negligible increases in the cooling performance. In contrast, ¢ decreases as the

outdoor air humidity ratio increases. In fact, increases in xg result in values of Aw__ proportionally
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Figure 15: Distributions of ¢ vs x;; for configurations EIS1-EIS3.

larger than those of Ag,;, owing to the reduced heat transfer rates inside HE1 and HE2. Of course,
these are only first-approach explanations, as the performance of each component of the system
depends on both the climatic conditions and the performance of any other component, which makes
it impossible to bring forth a linear analysis.

Moreover, for both systems EIS2 and EIS3, ¢ increases with increasing supply air temperature 7,
owing to the increase in the flow rate of expanded cool air which passes through heat exchanger
HEA4. Finally, for any configuration analysed, the cooling performance & increases with increasing the
heat transfer effectiveness E of heat exchangers and the isentropic efficiency # of turbomachinery.

As far as the required pressure ratio is concerned, its distributions have trends which, in line with
principle, are just the opposite of those observed for the cooling performance. In fact, ff increases as
the isentropic efficiency # of turbomachinery, the effectiveness E of heat exchangers, and the supply
air temperature 7y decreases, and as the outdoor air humidity ratio x increases. The only exception
is represented by the outdoor air temperature .., whose changes do not have significant effects on f.
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Figure 16: Distributions of & vs # for configurations EIS1-EIS3.

Typical values of /5 are in the range between 1.2 and 3, the lower values being typical for the enhanced
configurations EIS2 and EIS3.

It is worth noticing that the cooling performance of configuration EIS3 may reach values up to
twice and thrice those typical for configurations EIS2 and EIS1, respectively. More important, for
hot and dry inland climates (e.g. as is the case in many US states and countries of the Middle East
and the South Mediterranean basin), and also for temperate climates (e.g. as is the case in many
countries of the North Mediterranean basin), values of the cooling performance of the same order as
those typical for traditional HVAC systems served by vapour-compression refrigerating units are
obtained (i.e. in the range between 3 and 4), which is the main result of the whole investigation.

As expected, the best values of cooling performance are those obtained for the highest supply air
temperatures considered. This suggests that the use of the enhanced integrated HVAC systems is of
great interest whenever consistent rates of air changes per hour are required, which necessarily
implies small temperature differences between indoor air and supply air (e.g. as in the case of the
operating rooms or critical care areas in health facilities). In this regard, in hospital applications or
when possible cross contaminations between the airstreams must be avoided, the replacement of any
air-to-air heat exchanger with a double-coil equipment (i.e. an equipment consisting of a pair of
extended surface, finned-tube coils placed in the two airstreams and connected in a closed loop via
counterflow piping) may then be considered. In such cases, as the heat transfer effectiveness of
double-coil systems is generally smaller than that of the direct air-to-air heat exchangers, larger heat
transfer surfaces should be adopted, and the flow rate of the intermediate fluid has to be defined
according to optimization procedures [21].

6 CONCLUSIONS
The cooling performance of new air-conditioning systems based on the reversed Brayton cycle has
been calculated through a specifically developed computer code, in order to evaluate their actual
applicability. Such systems, which we have named ‘integrated HVAC systems’, combine the roles
traditionally played separately by the chiller and the air handler, as expanded cool air is directly
supplied to the indoor ambient for its environmental control.
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Several different configurations of such integrated systems have been proposed and discussed. For
each of them, numerical simulations have been carried out for a wide variety of psychrometric states
of both outdoor air and supply air, so as to cover different summer climatic conditions, and for
different values of the efficiency of both the heat exchangers and the turbomachinery.

The main results obtained for the most advanced configurations proposed may be summarized as
follows:

1. The cooling performance, defined as the ratio between the heat to be removed from outdoor
air and the net work input required by the air-cycle machine, increases as the temperatures
of outdoor air and supply air increase, the humidity ratio of outdoor air decreases, and the
efficiencies of heat exchangers and turbomachinery increase.

2. For hot and dry climates, as well as for temperate climates, values of the cooling performance
of the same order as those typical for traditional HVAC systems served by vapour-compression
refrigerating units may be obtained;

3. High supply air temperatures result in good cooling performance, which means that whenever
high rates of air changes per hour are required, such integrated systems are well applicable.

These very-encouraging first-approach results are to be verified through measurements that will be
executed on an experimental set-up, whose design and construction is in progress.

NOMENCLATURE
A heat transfer surface area
c specific heat at constant pressure
E effectiveness in sensible heat transfer of heat exchangers
G mass flow rate of the hot airstream
g mass flow rate of the cool airstream
he average coefficient of convection heat transfer of the hot airstream
hp average coefficient of water vapour transfer of the hot airstream
J specific enthalpy of the hot airstream
Jj specific enthalpy of the cool airstream
Nu Nusselt number
p pressure
0 total heat transfer rate
q heat per unit mass
R cool-to-hot mass flow rate ratio
Re Reynolds number
T temperature, temperature of the hot airstream
t temperature of the cool airstream
U overall heat transfer coefficient
X humidity ratio of the hot airstream
X humidity ratio, humidity ratio of the cool airstream
w work per unit mass
O average coefficient of convection heat transfer of the cool airstream
g average coefficient of water vapour transfer of the cool airstream
S pressure ratio
A, 0 boolean operators
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e saturation effectiveness of air washers
y specific heat ratio
n isentropic efficiency
A latent heat of vaporization/condensation of water
0., logarithmic mean temperature difference
I cooling performance of the HVAC system
Subscripts
a dry air
c compressor
cool cool airstream
d dew point
E external air
hot hot airstream
in inlet
liq liquid water
net net input
out outlet
ref refrigeration
S supply air
S saturation
t turbine, total
v water vapour
w separation wall
wet wet bulb
ws water vapour at saturation
0 at 0°C
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